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Introduction and Motivation

Geared turbofans provide a significant improvement in aero-
engine efficiency by allowing the fan and turbine to rotate at
their optimum speeds (Ref.15). By lowering the fan pressure
ratio, larger bypass ratios (BPR) of up to BPR=12:1 can be
achieved (Ref. 28). For example, the PW1000G geared turbofan,
displayed in Figure 1, which is installed in the short-haul air-
craft Airbus A320neo, reduces fuel consumption and CO, emis-
sions by 16% compared to the predecessor model. In addition,
noise emissions can be reduced by 75% due to the larger, slower
fan (Ref.21). With the turbine and fan rotating at different
speeds, a gearbox is required to transfer a high level of torque
within a restricted space to minimize the size of the engine core.
Epicyclic gearboxes provide a space-efficient solution leading to
a very high-power transfer through the gears.

Figure 1 illustrates the occurring number of load cycles of
the gears of two different geared turbofans. Lufthansa currently
performs engine overhauls on its A340s after about 20,000 flight
hours (Ref. 1). If this is calculated with the speed of a planet
wheel in an exemplary planetary gear, the overall number of
load cycles is Nppne > 101%. Assuming a percentage of 1% with the
maximum take-off power (MTOP), the number of load cycles
under full load is Nurop > 108. As can be seen from the S-N curve
shown in Figure 1, the number of load cycles Nyrop exceeds the
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limiting number of load cycles for tooth root bending strength
according to ISO 6336 (Ref.27) and AGMA (Ref.25). Pulsator
test stands can achieve these high load cycles in shorter test
times, but they do not offer the possibility of testing gears under
fully reversed bending loads. Therefore, a high-speed back-to-
back test rig must be developed to investigate the tooth root
bending strength of aircraft gearboxes.

The high dynamics of the test rig require design adaptations
compared to a back-to-back test rig according to DIN ISO
14635 (Refs. 8, 26). In order to be able to classify the additional
dynamic forces and the influence of the test speed on the load
capacity, a functionally identical prototype with a lower perfor-
mance class is built up. In a multibody simulation, the prototype
is dynamically mapped to compare the simulated additional
dynamic loads with the dynamic factor Ky from ISO 6336.

In addition to the dynamic behavior of the test rig, the focus
is particularly on thermal behavior. The strong temperature dif-
ferences between the bearing injection temperature T=40°C in
the test gearbox and the lubrication of the test gears at T =140°C
result in a strong temperature gradient in the test gearbox hous-
ing. For this reason, the thermal expansions of the test rig, espe-
cially at the narrow sealing gaps, are considered in a thermal
simulation with ANsys.
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Figure 1

Load cycles of geared turbofans and standards for tooth root load capacity (Refs. 1, 8, 15, 21, 25, 27, 28).
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State of the Art

Dynamic Tooth Forces in Gearboxes

The torsionally elastic gear system is excited to vibrations by
the varying tooth mesh stiffness, modified tooth flanks and the
course of the external load (Refs. 4, 20, 22, 35). During opera-
tion, this vibration excitation leads to dynamic tooth forces,
which are superimposed, on the load from the static torque.
During the transition from single to double tooth contact, there
is a jump in the tooth force due to the changed mesh stiffness
(Refs. 12, 23). At high loads, the influence of premature tooth
engagement resulting from tooth deformation is also superim-
posed. The load magnification becomes maximum when the
tooth meshing frequency coincides with the natural frequencies
of the entire system (Refs. 4, 7, 14, 19, 23, 27, 34, 35).

The additional dynamic loads due to the vibration excitation
in the tooth mesh has been investigated in numerous works
based on calculations and measurements. BoscH developed a
model to calculate dynamic tooth forces considering the peri-
odically varying tooth mesh stiffness for variable speeds (Ref. 4).
The calculation results were confirmed by measurements of
the dynamic tooth forces using strain gauges. WINKLER car-
ried out metrological investigations on the dynamic load over-
load of high-speed gears on a high-speed back-to-back test
rig with up to ni,=15,000rpm (Ref.35). Based on the results
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of the investigations, WINKLER developed a calculation model
for quantifying the dynamic additional loads of spur and heli-
cal gears. RETTIG carried out investigations on a back-to-back
test rig up to n;,=6,000rpm on the pinion (Ref.35). Based on
the results of RETTIGs and WINKLER’s investigations, RETTIG
developed a simplified calculation method for determining the
average additional dynamic loads in the sub- and supercritical
speed range as well as the main resonance (Ref.34). The corre-
sponding calculation principles were later transferred into the
standard calculation of DIN 3990 and are today the basis for the
calculation of the Ky factor of ISO 6336 (Refs. 24, 27).

GERBER investigated the internal additional dynamic loads
and the gear damping. Partial eradication of vibration energy is
due to damping in the drive train. Bearing friction, flow resis-
tance and damping in the tooth contact play a role. Damping
in the tooth contact is determined by the elasto-hydrodynamic
conditions and is strongly dependent on the lubricant film
properties. For conventional forged steels, the material damp-
ing compared to the lubricant-damping is negligible. In this
case, mesh geometry, speed ratios and lubricant viscosity are the
main influencing variables (Ref. 13).

The described additional dynamic loads can lead to prema-
ture failure of the gears and to noise excitation during operation.
In method B of ISO 6336, the gear stage is transformed into a
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Figure 2

Influence of the rotational speed on the dynamic tooth root stress (IS006b, BREC19).
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single-mass oscillator and the vibration behavior is assessed, see
Figure 2. However, this model approach is often not sufficient,
since the vibrations excite the entire drive train and in turn
influence the vibration amplitude and frequency. The course of
the actual torque fluctuation is approximated in the calculation
according to ISO 6336 by a linear course of the Ky factor. Drive
train-dependent resonance points in the sub- and supercritical
range are not taken into account (Ref.27).

In addition to the standard-based calculation methods,
there are numerous works on the calculation of the additional
dynamic loads. BAUD ET AL. used an electrical test rig to inves-
tigate the dynamic additional loads. The simulation program
set up to calculate the additional dynamic loads was success-
fully validated. The comparison of the simulation and measure-
ment results shows that a detailed model taking into account all
degrees of freedom is necessary for the correct calculation of the
dynamic tooth root stress (Ref. 3).

Furthermore, for the computational investigation of highly
dynamic contact processes in gear drives, an FEM computa-
tional model exists that allows the consideration of impact
processes but requires higher computation times than a quasi-
static tooth contact analysis (Ref.9). The program system DZP
(Dynamic Tooth Forces Program) allows the calculation of the
dynamic load distribution of a single stage under consideration
of multidimensional rotational and translational degrees of free-
dom (Refs. 12, 16). In this case, the tooth meshing stiffness is
calculated according to analytical approaches. The calculation
of the force excitation is carried out for the limiting case of an
infinite rotational speed, whereby the differential equations for
calculation can be simplified (Refs. 12, 16).

The force coupling element developed by Gacka and CARL
allows the mapping of the dynamic excitation in the tooth
meshing for a rotational vibration model using the FE-based
mesh stiffness of the gear (Refs. 5, 11). Furthermore, modules
integrated in the multibody simulation are available to repre-
sent the gear using analytical approaches (Refs. 30, 33). FrRUH
combined the analytical contact calculation in six degrees of
freedom with the FE-based mesh stiffness to model the gear

meshing (Ref. 10). Thereby, displacements of the gears can be
converted into changed contact distances and considered in the
calculation of the stiffness (Ref. 10).

In summary, it can be stated that with the help of the multi-
body simulation, the dynamic additional loads in operation can
be quantified in detail as a function of the speed. Depending on
the selected discretization of the drive train, either the calcula-
tion of the maximum dynamic additional load or the course of
the dynamic additional load over a gear meshing is possible.
The determination of the course of the dynamic additional load
for a tooth mesh enables the additional load to be converted into
a dynamic tooth root stress. Furthermore, the correct quantifi-
cation of the dynamic additional loads needs the consideration
of all six degrees of freedom.

Design of the Ultra-High Cycle Fatigue (UHCF) Back-
to-Back Test Rig

In addition to the UHCF back-to-back test rig, a functionally
identical prototype with a lower performance class is built, in
order to be able to classify the dynamic additional forces and
the influence of the test speed on the load capacity (Ref.31). In
the following, the mechanical structure of the prototype test rig

as well as of the main test rig and the thermal conditions are
described.

Mechanical Structure of the Prototype
The design of the high-speed back-to-back test rig is compa-
rable with the standardized test rigs from ISO 14635 (Ref. 26).
The test rig is divided into a test gearbox 2 and a reference gear-
box 3, see Figure 3. The two gearboxes are connected to each
other by shafts 7-10 and form a power circuit into which the
test torque is applied. The maximum operating speed of the test
rig i Ninmex=12,000rpm and the maximum operating torque
Miestmax=200Nm. The operating parameters allow the efficient
investigation of the tooth root load capacity in the UHCF range.
Due to the expected load peaks in the event of tooth root frac-
tures during operation and the high operating speed, the test rig
was equipped with journal bearings 1. As a result, the test torque
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Figure 3 Design of the prototype test rig (Ref.31).
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can only be applied from the limit speed of the journal bearings,
at which pure fluid friction is present. The usual load applica-
tion on standardized back-to-back test rigs by rotating the shafts
by means of levers and weights at standstill is therefore not used
(Refs. 26, 31). Instead, the test torque is applied and controlled
by the axial displacement of a helical gear in the reference gear
(Ref.31). This system allows a compact design with high tor-
sional stiffness and has been successfully used several times for
driving high-speed back-to-back test rigs (Refs. 6, 17). Double
helical gears are used to compensate for the axial forces in the
reference gearbox. The forces to displace the helical gears are
applied by an axial load unit 5. The displacement of the gear is
made possible by a splined connection with clearance fit. For
the non-shiftable gears, a splined connection with press fit is
used. A torque measuring flange 4 in the power circuit measures
the actual torque for control. In order to achieve complete com-
pensation of thermal axial expansions of the shafts and to avoid
constraining forces in the double-helical gears, only the wheel
shaft is axially supported in the reference gearbox 8 (Ref. 31).

The test gear used is designed critically with regard to tooth
root fracture. The gear data is shown in the left part of Figure 3.
In order to operate the test rig with an unchanged infrastruc-
ture compared to conventional back-to-back test rigs, the maxi-
mum power in the power circuit was limited to Ppac=250 kW
(Ref.31). Due to the high drive speeds, the maximum test
torque is Miesmax=200 Nm. It follows that the module and the
tooth width of the test gears with m,=1mm and b=7mm are
small compared to the standardized gear geometries (Ref.26).
The gears in the reference gearbox are helical with p=18° To
keep the number of teeth and the center distance the same, the
normal modulus was reduced to m, yg=0.95mm.

Mechanical Structure of the Main Test Rig

The mechanical structure of the main test rig differs from the
prototype. The main test rig has a three-shaft structure for
implementing the reverse bending load, see Figure 4. There
are no differences in the mode of operation, for example,
the load application by axial shifting of double-helical gears
or the use of journal bearings. The upscaling of the test rig
allows a power increase to P>5 MW at the same operating

Test rig data
P>5MW

speed of n=12,000rpm by increasing the maximum torque to
M <4,000 Nm.

Lubrication and Cooling System (Thermal Conditions)
The main test rig has a cooling and lubrication system to absorb
a total power dissipation of P, o= 390 kW. For this purpose, a
total volume flow of Quil, 1o =733 1/min is divided among 3 cir-
cuits, see Figure 5.

In accordance with the requirements from aviation gearboxes,
the tooth mesh of the test gearbox is operated with an oil injec-
tion temperature of Tyarm, in=140°C, warm circuit 1. The journal
bearings of the test gearbox, the entire reference gearbox and
the transmission gearbox are operated with an oil injection tem-
perature of T, in=40°C, cold circuit 1 and 2. The cold circuit is
divided into two parts. Cold circuit 1 includes the cooling and
lubrication of the reference and transmission gears. Cold circuit
2 includes the cooling and lubrication of the journal bearings of
the test, reference and transmission gearbox.

Dynamic Simulation of the Test Rig

The dynamic simulation is carried out on the prototype, which
has an identical design and mode of operation, but with a
lower power class, see “Design of the Ultra-High Cycle Fatigue
(UHCF) Back-to-Back Test Rig,” as this will be constructed and
set up before completion of the main test rig in order to inves-
tigate the influence of the loading speed on the tooth root load
capacity. The results are to be used to optimize the main test rig.

Structure and Basics of the Multibody Simulation
Model
The transfer of the prototype high-speed back-to-back test rig
presented in “Mechanical Structure of the Prototype” to the
Simpack multibody simulation requires the simplification of the
test setup. Figure 6 shows the test rig topology used. All shafts
of the test rig are represented as elastic bodies with their natu-
ral frequencies in SimpACK. The gears are represented as rigid
bodies and the dynamic excitation and vibration behavior via
SIMPACK GEAR PAIR.

The gears are coupled to the respective shafts with one degree
of freedom in the direction of rotation. In the direction of

Transmission gearbox Test gearbox

n = 12000 rpm

oo ] o

M > 4000 Nm
Toi, intet: 90°C = 140°C - In
Qg > 750 I/min !

Center distance:

—

200 mm < a <250 mm - .

B Gear type: spur gears

Test conditions
B Investigations up to
N = 5-108

Motor Brake

B Active torque regulation

Reference gearbox

Figure 4 Design and power data of the main test rig for UHCF investigations under fully reversed bending.
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Figure 5 Cooling and lubrication system of the main test rig.
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Figure 6 Topology of the prototype in the multibody simulation.
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rotation, a torsion-spring-damper element is used to represent
the splined connection between the gear and the shaft. The
shafts are mapped with six degrees of freedom. The journal
bearings of the test rig are represented in a simplified way by
cylindrical spring-damper elements with radial stiffness and
damping. The damping of the journal bearings about the axis
of rotation is considered via a torsion spring-damper without
stiffness.

In deviation from the test rig setup, only one-half of the
double-helical gears is modeled in the reference gearbox. This
is to avoid interference effects, for example, due to uneven load
distribution or axial vibrations. This means that both shafts in
the reference gearbox must be axially fixed. For this purpose,
the degree of freedom of the corresponding shafts is constrained
in the axial direction. The permissibility of this assumption
must be verified during commissioning. The axial fixing of the
shafts in the test gearbox is carried out in the same way as in
the test rig via the connecting clutches on the shafts and the
reference gearbox shafts. The clutches connecting the shafts
of the test and reference gearboxes are modeled as massless
torsion-spring-dampers.

Since load application is also possible at standstill for the
simulation, the application of the bracing torque is performed
analogously to standardized back-to-back test
rigs by rotating a test and reference gearbox
shaft relative to each other. This procedure

Table 1

torque measurement flange, the assumed torsional damping is
also doubled. The meshing stiffness of the gears is calculated
within the SIMPACK GEAR PAIR using the procedure of DIN
3990 (Ref.24). The gear damping was determined according to
the procedure of GERBER (Ref.13). The torsional stiffness and
damping of the spline connection was estimated using the val-
ues of WALTEN ET AL. and BARROT ET AL. (Refs. 2, 32). Since the
system behavior is to be considered outside the resonance points
in the supercritical range, only a small influence of the damping
values is to be expected.

System Behavior in Relation to the Operating Speed

The amount of dynamic torque fluctuation depends on the
speed of the test rig. Since different gear geometries are used
in the test and reference gearboxes due to the load application
concept, the dynamic torque also differs in the test and refer-
ence gearbox. The gears in the test gearbox have straight teeth
and, due to the head shortening of the wheel, a total or profile
contact ratio of &,=¢,=1.26. This results in a significant vibra-
tion excitation, which leads to high torque amplitudes in opera-
tion. Due to the helix angle of $=18° and the lack of head short-
ening, the gears in the reference gearbox have a total contact
ratio of &,=5.59. It follows that the dynamic torque amplitudes

Reference values for stiffness and damping of the bearing and coupling points.

achieves a more stable calculation in compari-
son to the load application in reality by shifting

helical gears. The iterative adjustment of the
total torsion of the shafts leads to the desired

torque on the test gears. The speed is controlled

analogously to the test rig by applying a torque
outside the power circuit. In the simulation,

the drive torque is adjusted to produce a uni-
form speed increase over time. The vibration

Stiffness/Damping type Value
Stiffness radial 108 N/m
Journal bearings Damping radial 410* Ns/m
Torsional damping 0.0007 Nms/rad
Spline-hub connection Tors_ional stiffngss 105Nm/rad
Torsional damping 103Nms/rad
Coupling (wheel) Tors_ional stiffn(_ess 290 10°Nm/rad
Torsional damping 600 Nms/rad
Coupling (pinion) Tors_ional stiffngss 138 103 Nm/rad
Torsional damping 300Nms/rad
Gears Gear meshing stiffness acc. to DIN 3990
Gear meshing damping 102 Ns/m

behavior is analyzed in the speed ramp-up from
standstill to the operating speed of nj, = 12,000 rpm.

The parameterization of the coupling points used determines
the calculated vibration behavior. For this reason, the stiff-
ness and damping values are taken, as far as possible, from the
datasheets of the components installed in the test rig or from
the literature. However, there are uncertainties, particularly
with regard to the damping values used and the stiffness of the
spline shaft connections and journal bearings, which have to be
assessed during commissioning.

Table 1 shows the stiffness and damping values used to simu-
late the initial model. Where possible, the values were taken
from the datasheets of the test rig components. These include
the torsional stiffness of the couplings and the radial stiffness of
the journal bearings.

The torsional damping of the journal bearings was calculated
approximately from the moment of loss at the operating point.
The torsional damping of the couplings cannot be determined
without measurements of the natural frequencies and vibra-
tion behavior. As an approximation, values below the damping
of the splined shaft are therefore assumed since there are fewer
separation joints. Since the number of parting lines in the cou-
pling package is doubled on the wheel side by integrating the

in the reference gear are comparably small. To calculate the
dynamic torque, in the first step, the system is statically clamped
to a torque of Mg, pinion=180Nm at the pinion by rotating the
shafts relative to each other. In the second step, a drive torque
of Max=9Nm is applied. An S-function is used for continuous
imprinting, which prevents discontinuities in the simulation.
The drive torque leads to a continuous speed increase of the test
rig. The sampling rate in the simulation is fumple =40 kHz, so that
the tooth meshing can be reproduced with sufficient accuracy,
even at high speeds.

The left part of Figure 7 shows the gear data and the modi-
fications. To reduce premature tooth meshing and to optimize
load distribution on the tooth flank, profile and width crowning
were applied. The dynamic torque curves in the test and refer-
ence gear for a speed ramp-up of n;,=0-12,000rpm are shown
in the right part of Figure 7.

The maximum amplitude of the dynamic torque in the test
gear unit with AMpg=150Nm is significantly higher than the
maximum amplitude of AMyg<50Nm in the reference gearbox.
The asymmetry of the torque curve in the test gear is due to the
fact that a deflection to the maximum dynamic torque occurs
only once in a tooth grip. Low dynamic torques account for the
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greater part of the values. In the dynamic torque curves of the
test and reference gearbox, resonance points of the system are
characterized by local torque maxima. The first three (TG) or
four (RG) significant resonances are marked in the diagrams.
The system is primarily excited from the rotational gear excita-
tion in the test and reference gearbox. Accordingly, a large influ-
ence of the torsional natural frequencies on the system behavior
is to be expected.

Table 2 shows the first three torsional natural frequencies of
the shafts in the test and reference gearbox. If the speed-depen-
dent tooth mesh frequency f; or multiples thereof coincide with
the system natural frequencies, a local torque maximum occurs.
The torque fluctuation up to the first resonance point in the test
gear is due to the excitation of the bending natural frequencies
of the pinion and wheel shafts by the 3rd and 4th f;. At the sec-
ond resonance point in the test gear, the first torsional natural
frequency of the pinion shaft wr1,16 pinion and the 2nd f; coincide.
The third resonance is caused by the excitation of the first tor-
sional natural frequency of the wheel shaft w116 whee With the
2nd f;. After the third resonance, the maximum dynamic torque
fluctuation decreases to an increased level of AMpg=~50Nm
from n;,= 3,000 rpm and does not exhibit any further significant
maxima.

Due to the overall smaller fluctuation of the dynamic torque,
the resonances in the reference gearbox are more noticeable
than in the test gearbox. The first resonance is caused by the
encounter of the first torsional natural frequency of the pinion
shaft wr1,rG pinion With the 2nd fz. At the second resonance, the
2nd and 3rd f; excite the second torsional natural frequencies
of pinion and wheel shaft wr,rG pinion a0d WT2RG wheet- At the third

resonance, the first torsional natural frequency of the pinion
shaft w116 pinion meets the Ist f;. Additionally, the third tor-
sional natural frequency of the pinion shaft wr3rg rize meets the
2nd f;. The fourth and last significant resonance in the refer-
ence gear is due to the excitation of the second torsional natu-
ral frequency of the pinion shaft wr2rg pinion by the st fz. From
ni, =4,000 rpm, the maximum dynamic torque amplitudes drop
to a low level without further significant maxima. The compari-
son of the dynamic torque curves in the test and reference gear-
box shows that, due to the long gear shafts, the gearboxes are
not influenced by the dynamic loads or resonances in the other
gearbox. Therefore, it would be permissible to focus solely on
one gearbox for further analysis.

Definition of Operating Points of the Test Rig

In the first step, the additional dynamic load calculated in
SIMPACK in the test and reference gearboxes is compared with
the Ky factor according to ISO 6336 (Ref.27). In the second
step, the operating points of the test rig and possible strategies
for the run-up to the operating speed are discussed.

Comparison of Multibody-Simulation and Standardized
Calculation Approach

In the load capacity calculation of gears, the dynamic additional
load in operation are usually taken into account by means of the
dynamic factor Ky of ISO 6336 presented in the state of the art
(Ref.27). Figure 8 compares the dynamic factors according to
method B of ISO 6336 and the simulation in Simpack. For the
comparison of the additional dynamic loads with the Ky factor
calculation from the ISO 6336, the envelopes of the maximum
dynamic torque are related to the mean torque to
generate a speed-dependent Ky factor from the

Table 2 Reference values for stiffness and damping of the bearing and coupling points. SIMPACK simulation. see Formula 1

Shaft TG Shaft TG Shaft RG Shaft RG ’ '
pinion wheel pinion wheel % _ Maynmax (114n) M

1s torsional natural 40227Hz | 59267Hz | 48875Hz | 35639Hz YO = M
frequency wr; : : : : . .

Srdtorsional natural The upper diagram shows the additional
frequency wr, 5657.2 Hz 9482 Hz 7763.9 Hz 5092 Hz dynamic loads in the test gear. According to
3rdft|%r3|onal natural 77764 Hz 12831 Hz 9646.9 Hz 6895 Hz ;SO 6336, the resonance speed of tl.le. test gear
quency wrs is ngrc=2,953.48 rpm. In the subcritical range
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Figure 7 Analysis of the operational behavior over the rotational speed.
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before the main resonance, the Ky factor according to ISO 6336
increases linearly up to a value of Kyiso=1.25 at n;=2,500 rpm.
The dynamic factor according to SIMPACK is in the same range
above Kysimpack=1.5. In the transition range to the main reso-
nance as well as in the main resonance, the dynamic factor
from ISO 6336 increases to values of Kyiso=1.8-1.9. In contrast,
SimpAcK calculates a lower dynamic factor of Kysimpack = 1.3.
In the supercritical speed range from n;=4,500 rpm, the
dynamic factor from ISO 6336 drops to a value of Kys0=0.87
while the dynamic factor from SIMPACK remains at a level of
Kysimpack= 1.2. The dynamic additional load in the subcritical
and supercritical operating region is underestimated by the sim-
plified standard calculation according to method B, whereas the
additional load in the main resonance is overestimated. This is
because the additional loads in the test gear are determined by
the excitation of the shaft natural frequencies in the subcritical
speed range and not by the gear natural frequency. Furthermore,
it is to be noted that the test gear represents a limiting case for
the standard calculation due to the low total contact ratio of
gypc=1.26. In the supercritical region, there is a reduction of
the maximum load in the single engagement area critical for the
standard calculation. Due to the low profile overlap, however,
higher additional loads are to be expected in real operation. In
the calculation of the dynamic factor in StMPACK, only the max-
imum occurring torque is taken into account and not the time
of occurrence related to the tooth mesh.

Figure 8 shows the comparison of the dynamic factors from
the standard calculation and SimpAck for the reference gear
unit. Since the reference gear is a helical gear with p=18°,
the total contact ratio of the reference gear with &,vg=5.59
is considerably larger. The large total contact ratio results in
a low vibration excitation by the gears and correspondingly
lower additional dynamic loads than in the test gear. The reso-
nance speed of the reference gears according to ISO 6336 is
ngve=3,069.1rpm and agrees with the value from SiMmPack.
In the subcritical speed range, the dynamic factors from ISO
6336 and SIMPACK are approximately the same. In the main
resonance, the dynamic additional load is also reproduced suf-
ficiently accurately by ISO 6336, compared with the values from

SimpPAck. In the supercritical speed range, ISO 6336 overes-
timates the dynamic additional load with a constant value of
Kyiso=1.32 compared to SIMPACK (Kygimpack=1.008). This is
because the Ky factor in the standard calculation cannot fall
below one for a total overlap of e,=2.5.

The comparison of the dynamic factors from ISO 6336
and SiMPACK shows that the standard calculation accord-
ing to method B is not suitable for correctly represent-
ing the additional dynamic load in the operating range up to
n;=12,000rpm. This can be explained on the one hand by the
special geometry of the test gears and on the other hand by the
influence of the shaft natural frequencies. For this reason, the
dynamic factor calculated with SiMPAcK is used to define the
operating points of the test rig. For the final evaluation of the
results from SIMPACK, it is necessary to convert the additional
dynamic loads into the dynamic tooth root stress.

Definition of the Operating Points for the Investigation of
the Tooth Root Load Capacity

The desired operating speed of the test rig is nwes= 12,000 rpm.
The analysis of the vibration behavior has shown that no reso-
nances occur above a speed of n;=4,000rpm. Accordingly,
operation at the desired operating speed is feasible. The addi-
tional dynamic load at this speed must be taken into account
when calculating the tooth root stress. To compare the tooth
root stresses of different test rigs, it is necessary to calculate
the additional dynamic loads using a simulation model and to
transfer the additional dynamic loads to the dynamic tooth root
stress. The simulation results also show that the definition of
discrete torque levels is necessary for the speed ramp-up of the
test rig up to the operating point, since otherwise pre-damage
of the gears is likely, due to the high additional loads in the sub-
critical speed range, see Figure 9.

At standstill, the minimum torque Muixn=10Nm is applied.
This minimum tension serves to take out the backlash of the
tooth flanks during speed ramp-up to the minimum bearing
speed. In the second step, the speed is increased in a controlled
manner to the transition speed of the journal bearings and kept
constant at a speed level of n=750rpm. In the third step, the

2000 4000 6000 8000 10000 12000

— Input Data — Comparison of the K,, - Factors
mz/z, =99/102 2.0
B M, g =180Nm g T 45
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Bes [l 0 18 ! 0
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e, [ 126 559 S =15
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Key S8 g0
K, Factor acc. to SIMPACK S e
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Figure 8 Comparison of the dynamic factors from Simpack and 1S0 6336 (Ref. 27).
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torque is increased to half the test torque M=0.5 M. In step
4, the speed is increased to the maximum operating speed of
n=12,000rpm.

During the speed ramp-up from nyearingmin=750 rpm to
N = 12,000 rpm, the main test rig resonances are run through,
compare Figure 7 and Figure 8. Since the torque for ramp-up
is significantly smaller than the test torque, no influence of the
dynamic loads on the load capacity is to be expected. On the
other hand, the increased torque compared to the first step
ensures permanent contact between the tooth flanks. The last
step is increasing the torque to the test torque.

Conclusion of the Dynamic Simulation

The main purpose of the prototype test rig is to investigate
the influence of the speed on the tooth root load capacity. The
results of the dynamic simulation in SimMPACKk show clear dif-
ferences to the estimation of the dynamic loads according to
ISO 6336. After the test rig has been set up, the main reso-
nances are investigated experimentally by means of impact tests.
Additionally, during commissioning the main resonances are

investigated, by vibration measurements directly on the rotat-
ing pinion shaft, and the dynamic mapping of the back-to-back
test rig is validated in the multibody simulation. By validating
the additional dynamic loads calculated in SiMPACK on the pro-
totype, a separate multibody simulation model will be created
for the main test rig so that, if necessary, design measures can
be taken to change the natural frequencies of individual compo-
nents before the main test rig is set up.

Thermal Simulation of the Test Rig

In addition to the dynamic behavior of the test rig, the focus is
particularly on the thermal behavior. The temperature differ-
ence between the bearing injection temperature (T=40°C) in
the test gearbox and the gear injection temperature (T =140°C)
leads to a significant temperature gradient in the test gearbox
housing. With regard to thermal expansion, the guarantee of
function in the heated state must be ensured. In particular, the
radial gaps at the seals must be considered. Another important
point is the axial play of the mounted shafts, which is strongly
dependent on the axial thermal expansion. For this purpose, the

- General information ——— — Speed ramp-up

m Gradual ramp-up
— Test speed & test torque are
controlled separately

m Operating point 01 - M,;, = 10 Nm
— Fiagiw = 170 N (radial bearing)
- Ny, =70 rpm
— Faga = 240 N (axial bearing)
- N, =45rpm
m Operating point 02- M., = 0,5 - M.
F sz = 1430 N (radial bearing)

== Rotational speed
Test torque

nbearing,min > 700 rpm

N, = 12000 rpm / - -

M, = 200 Nm —

——
IVlmicl = 0!5 ) IVItest

Torque [Nm]

- N, =700rpm
— Foua = 2200 N (axial bearing)
- Ny, =450rpm

Rotational speed [rpm]
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Figure 9 Speed and torque ramp-up for the prototype test rig.

r Mesh data
® Mainly square hexahedron elements
used
Elements: 76,872
Nodes: 352,153
r Input data

B Boundary conditions in the "hot part"
(T=160 ° C in the lower part of the
housing, convection of the
lubricating oil in the remaining part)

H Heat flow on gears: pinion: 500 W;
wheels 250 W each (assumption
that the pinion has two tooth
contacts and the wheels each one

Figure 10 Meshed Ansys model of the test gearbox.
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thermal behavior of the two gearboxes is simulated individually
in ANsys. In this report, however, the focus is on the test gear-
box, as this is where the highest temperature differences occur.

Structure and Basics of the Thermal Simulation
Model

To simplify the model in ANsys, all chamfers, screws and small
radii are removed to prevent refinement of the mesh and thus
greater computational effort on these. Furthermore, the spline
profiles of the gear shafts and gears are removed. Holes and
small gaps, for example gaps to avoid double fits, are plugged
to optimize the meshing. In addition, individual bodies are
grouped together to optimize meshing and reduce contact con-
ditions, which in turn reduces computation time. The admis-
sibility of the assumptions made must be verified by means of
measurements in subsequent operation, as these do not neces-
sarily take place on the safe side. The meshed model of the test
gearbox and the meshing parameters are shown in Figure 10.
Mainly square hexahedron elements are used. The test gear-
box exists of overall 76,872 elements with 352,153 nodes. As
input data, the gear losses according to NIEMANN/WINTER are
assumed to be P=500 W for the pinion and P=250 W each for
the wheels, which means that both tooth meshes have an indi-
vidual loss of P=500 W, which is split 50/50 between wheel and
pinion (Ref.23).

Boundary Conditions

The heat sources are the journal bearings and tooth meshes
due to friction, compare power losses listed in “Lubrication and
Cooling System (Thermal Conditions).” Heat dissipation takes
place on the one hand via the dissipation of the oil volume flow
and on the other hand via convection and radiation of the hous-
ing and clamping field. In addition, the heat transfer within the
housing must be considered.

Convection of the Gearbox Housing to the Surrounding Air

The convection from the housing to the environment is approxi-
mated according to NIEMANN/WINTER, compare Formula 2
(Ref.23). For this purpose, the surrounding air is assumed to be

Convection
GTG, warm . 19.5 W/mzK
A16, cold * 15.09 W/m2K
Q1G, Glamping field* 6.3 W/im2K
Arg, oir 300 W/m2K
Ggears%housing: 150 W/m2K
0contact surface%housing: 75 W/m?K
Gnut—)housing: 68 W/m2K
Radiation
Ehousing: 0.6
Eclamping field* 0.94
Eshaft- 0.49

Figure 11  Overview of the boundary conditions of the test gearbox.

at rest.
1\o15 ()
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The test gearbox housing is divided into a cold area (blue)
with an estimated temperature delta of AT ~40 K and a warm
area (red) with AT ~100 K, compare Figure 11. The estimation
was made on the basis of the injection temperatures. The ambi-
ent temperature is assumed to be T =20°C. Accordingly, the heat
transfer coefficients for convection from housing to air result in
a1, varm=19.5 W/m’K for the warm part and arg, cola=15.09 W/
m?K for the cold part of the housing.

Convection of the Clamping Field to the Surrounding Air

The clamping field can be displayed as plane surface and there-
fore the relationship for natural convection of the plane surface
according to RECKNAGEL can be used (Ref. 29). With a tempera-
ture difference of AT=100°K and a dimension of A=1.6x4m
(undisturbed area in front of the test gearbox housing), the heat
transfer coefficient for convection of the clamping field to sur-
rounding air is acrre=6.3 W/m’K.

Heat Radiation from Housing and Clamping Field to the Surrounding
Air

According to GROSSMANN/JUNGNICKEL, the emission coeffi-
cients €nousing=0.6 (for a mat steel) and €camping ela=0.94 (for an
unalloyed rough steel) can be assumed for the heat emission of
the housing and clamping field via radiation to the surrounding
air (Ref. 18).

Heat Transfers within the Test Gear Unit (Qil Convection and Radiation)
from the Components to the Housing

In the warm area, the emission coefficient for a thick layer
of oil on polished steel is given as e, micx=0.82. Radiation at
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the bottom is neglected (assumption: lake of oil so chaotic
that radiation is difficult to determine and also negligible).
The housing there has the temperature of the oil (T =160°C),
according to NIEMANN/WINTER with an oil injection tem-
perature of Toy, in=140°C and an AT =20°C (Ref.23). Also
according to NIEMANN/WINT, a heat transfer coefficient of ao,
16=300 W/m?K is assumed for the convection of the lubri-
cant flow (Ref.23). The convection at the gears is neglected
since it is already included in the energy balance of the gears.
The convection at the rotating shaft is calculated according to
GROSSMANN/JUNGNICKEL (Ref.18). The shafts are represented
by rotating smooth cylinders for heat transfer at the inner walls
of the housing. According to RECKNAGEL, the heat transfer coef-
ficient from the individual components, like gears, shafts or nuts
is calculated with Formula 3 (Ref.29). The results are shown in
Figure 11 on the left side.

11 1
ashaﬂ,uir

®3)

Qshaft,housing Kairhousing

The heat transfer coefficient from the gears and chamber
separations to the housing is Ggearsshousing= 150 W/m’K, between
contact surfaces and housing its dcontactshousing=75 W/m’K and
between the nut and the housing its dhushousing= 68 W/m*K.

Contactless Seals

At the walls of the sealing, convection is assumed to be due to
the oil volume flow with ai r¢=300 W/m?>K based on the same
assumptions as in the “warm section” At the inner part of the
sealing, convection is assumed to occur at the rotating cylinder,
since here the shaft is presumably not completely or only slightly
wetted by oil, and partial oil splashes back from the walls of
the sealing. The cooling by inflowing air is neglected in the
model. In the remaining areas, convection between shafts and
air and convection in the narrow gap are assumed according to
JUNGNICKEL 2010 (Ref.18).

Journal Bearings
The heat transfer of the journal bearings into the housing is cal-
culated according to Formula 4.

abearing = ahousing X%&: 1,240.41 W/mZK

bearing
Olpearing Heat transfer coefficient bearings [W/m?*K]
Clhousing Heat transfer coefficient housing [W/m?K]
Abearing Bearing surface [m?]
Anousing Housing surface  [m?”]

Simulated Temperature Distribution on the Test
Gearbox

Under the assumptions and boundary conditions listed, the tem-
perature distribution, heat flows and thermal expansion of the
test gearbox were simulated with ANsys. Figure 12 shows the
results of the thermal simulation. The test gearbox heats up to a
maximum temperature of Tmn.c=178.59°C. The power loss, which
is dissipated from the test gearbox to the environment accounts to
P=4.2 kW. The main part of the heat is dissipated via the oil flow
(see “Lubrication and Cooling System (Thermal Conditions)”),
which is defined as an input variable in the simulation. Via the
tooth mesh in the test gearbox, P=80 kW are dissipated. The total
loss of the bearings in the test gearbox is P ~ 28 kW. The heat out-
put, which is emitted to the environment, is divided as follows.

The clamping field emits Qcony, clamping =1.18 kKW via convec-
tion and Qrud, clamping=0.706 kW via radiation to the ambient
air. Via the warm part of housing Qcony, housing, warm=0.800 kW is
transferred convectively and Qcony, housing, cold=0.962 kW via the
cold housing part to the surrounding air. Additionally, Qrad, hous-
ing=0.617 kW is transferred from the housing to surrounding air
by radiation.

The temperature at the sealing gaps results in negligible radial
thermal expansion, so there is no solid-state contact and the
sealing gap at maximum temperature still amounts s=0.6 mm.
The axial expansion of the gearbox shafts can also be classified
as not critical according to the simulation, so that safe opera-
tion under full thermal load is guaranteed. The pinion shaft
expands by Alyinion shat=0.53mm and the wheel shafts by Alyhee
shate=0.43 mm. This expansion has to be considered in the design
of the axial moveable sealings to prevent solid-state contact, on
the one hand, and to ensure sufficient sealing of the gearbox
housing, on the other hand.

Qyearing, o Heat input through housing (bearing ~ 345.23 W T
shells) and shaft into the lubricating oil ’“"‘;78 59° C
in the journal bearings I ’
Qeony, damping  CONVection of the clamping field to the 1179 W 156.39° C
environment [ 143420° ¢
Qg clamping ~ Heat dissipation by radiation at the 706 W — .
clamping field to the environment [{112.00" C
Qconv, housing,  Convection of the housing to the 800 W .89.90 °C
warm environment |
. . 67.63° C
Qgony, housing  Convection of the housing to the 962 W .
cold environment I45.41 C
Qrad, housing ~ Radiation of the housing to the 617 W 2322° C
environment T

Figure 12 Results thermal simulation of the test gearbox with Ansys.
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Summary and Conclusion

Aircraft engines can be made more efficient by integrating
planetary gears. In such an application, the planetary gears
experience very high load cycles under fully reversed bend-
ing loads. Pulsator test rigs, which nowadays offer the pos-
sibility to perform UHCF investigations, can only be used for
purely pulsating loading of gears. Therefore, for the investiga-
tion of the UHCEF tooth root load carrying capacity under fully
reversed bending load, a back-to-back test rig is required. Back-
to-back test rigs usually have speeds of n=3,000 rpm, which
makes investigations in the UHCF range take a very long time.
Therefore, a high-speed back-to-back test rig was developed.

One aim of the report is to define the operating parameters of
this high-speed back-to-back test rig. Additionally, the thermal
behavior and thermal expansion of the components is checked
by a thermal simulation with ANsys. The test rig design is trans-
ferred to the SiMpack multibody simulation, and the dynamic
operating behavior is analyzed. Additionally, the dynamic loads
from SimpAck are compared to the values of the Ky factor
according to method B of ISO 6336, and the operating param-
eters of the high-speed back-to-back test rig are defined.

The test rig uses a shifting helical gear for load application,
which realizes torque control during operation as well as a
compact design. The analysis of the dynamic torque in the test
and reference gearbox during run-up shows that the dynamic
loads occurring in the test gearbox are greater compared to
the reference gearbox. The local torque maxima are caused by
the excitation of the torsional natural frequencies of the shafts
by the tooth mesh frequency and its harmonics. The dynamic
load in the test and reference gearbox from SiMpAcK is com-
pared with the dynamic factor according to method B of ISO
6336. The dynamic factor according to ISO 6336 underestimates
the dynamic loads of the test gearbox at the operating speed
n; =12,000 rpm, whereas the additional loads in the reference
gearbox are overestimated. Furthermore, the vibration behav-
ior is decisively determined by the torsional natural frequencies
of the gearbox shafts, which are not taken into account in the
standard calculation according to method B. Since resonances
do not occur above n; =4,000 rpm, the operating point does not
have to be restricted. Below n; =4000 rpm and above the mini-
mum speed of the journal bearings, it makes sense to load the
gearing with half the test torque in order to avoid preliminary
damage due to tooth flank lift off. According to the differences
between standard calculation approach and multibody simu-
lation, it is particularly useful for high-speed applications to
use multibody simulations considering all degrees of freedom.
Furthermore, the resonances at low rotational speeds require a
gradual ramp up of torque and speed during the run-up of the
test rig. Using this approach, preliminary damages of the test
gears (e.g., caused by flank lift off) can be prevented.

The thermal simulation of the test rig estimates the power
loss of the test rig to the surrounding room and is used to check
the functionality of the test rig under thermal expansion at
maximum operating temperature. In addition to the heat dis-
sipated by the cooling oil volume flow (P =390 kW), a heat loss
of P=4.2 kW was obtained, which is dissipated by the test gear-
box to the ambient air. For a safe and continuous operation, it
has to be ensured that the room ventilation is powerful enough

to remove the losses. The simulation also showed that the
functionality of the test rig is fully given at maximum tempera-
ture and thermal expansion. The maximal thermal expansion
of the shafts in axial length is Alyinion shae=0.53 mm and Alyheel
sait=0.43mm. The sealing gaps expand in radial direction, but

at

the maximum temperature there is still a gap of s=0.6mm.

The amount of thermal expansion makes clear that a simulation
of the thermal expansion for high testing temperatures, as well
as for high rotational speeds, is necessary. Thereby, the fits of
bearings and seals can be chosen as close as possible to ensure a
safe operation. (&
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