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Management Summary

Currently, legislation is in place in the United
Kingdom to encourage a reduction in energy usage. As
such, there is an increased demand for machinery with
higher efficiencies, not only to reduce the operational
costs of the machinery, but also to cut capital expen-
diture. The power losses associated with the gear mesh
can be divided into speed- and load-dependent losses.
This article reviews some of the mathematical models
proposed for the individual components associated
with these losses, such as windage, churning, sliding
and rolling friction losses. A mathematical model is
proposed to predict the power losses on helical gears
highlighting the major contributor to losses in the gear
mesh. Furthermore, the mathematical model is validated
with a case study.

Introduction

To meet the increased demand for machinery with higher effi-
ciencies, suppliers must design equipment that reduces the opera-
tional costs of the machinery and cuts capital expenditure.

In the past, gears have been considered as highly efficient
in transmitting loads, but the requirements from the customer to
achieve a minimum efficiency target and penalties for noncompli-
ance are becoming more and more stringent. A reduction in the
power loss of a gearbox will cut the running costs of the equipment
as it becomes more efficient and also uses less lubricant to cool the
gear teeth. This in turn will reduce the size of the auxiliary equip-
ment, such as the lubrication pump, and will also lead to a reduction
in the heat exchanger capacity. All this will contribute to an overall
smaller footprint of the equipment, which saves space that can be at
a premium in some applications.

The power losses consist of speed- and load-dependent losses.
Speed-dependent losses can be divided into windage losses, churn-
ing losses, bearing churning losses and seal losses. The load-depen-
dent losses are made up of sliding friction loss, rolling friction loss
and bearing loss.

Speed-Dependent Losses

Windage losses. As gears rotate, lubricant is flung off the gear
teeth in small oil droplets due to the centrifugal force acting on the
lubricant. These lubricant droplets create a fine mist of oil that is
suspended inside the gear housing/case. The effect of this oil mist
is an increase in “windage frictional resistance” on the gears and
hence an increase in the power consumption. In addition, the expul-
sion of the oily atmosphere from the tooth spaces as the gear teeth
come into engagement creates turbulence within the gearbox and
increases the power consumption. The combination of these factors,
as well as the losses at the side faces of the gears, contribute to the
total windage losses. Factors that influence the magnitude of the
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windage loss include the rotational speed of the gear because power
losses rise with an increase in peripheral velocity. Other factors are
the tooth module, the amount of oil mist present inside the casing
and the diameter of the gears.

A mathematical model to predict windage loss was proposed
by Anderson et al. (Refs. 1-2). However, Anderson’s windage loss
equation accounted for neither the tooth module nor the helix angle.
Townsend detailed a windage loss equation which included an oil
mixture function ¢ and a gearbox space function A and is presented
here as Equation 1 (Ref. 3). The oil mixture function ¢ indicates the
state/type of atmosphere inside the gear unit with ¢ = 1 indicating an
oil-free atmosphere. The gearbox space function A is set at 1 for free
space and reduces to a value of 0.5 for a closely fitting enclosure, i.e.
the fitting of baffles or shrouds around the gear.

Py =n0.16-d,> +d * b7 -m"H10 9. A (D)

Oil Churning Loss. Townsend defined churning losses as the
action of the gears moving the lubricant inside the gear case and
referred in particular to the losses due to entrapment of the lubricant
in the gear mesh, which is more applicable to spur gears than to
helical gears (Ref. 3).

Factors influencing the oil churning loss are the viscosity of
the oil, as this resists the motion of the gears; peripheral velocity;
operating temperature; the tooth module; the helix angle; and the
submerged depth of the gears. All rotating components that are in
direct contact with the lubricant, i.e. dipped into the oil, contribute to
the churning losses, and the deeper the components are submerged,
the higher the losses. With larger helix angles, the power losses are
lower as the gear teeth slice through the lubricant rather than dis-
placing the lubricant along the whole gear face width. Other expres-
sions for determining churning losses have been proposed (Ref.
4). The British Standard BS ISO/TR 14179 Part 1 details churning
loss equations which had been modified for the effect of lubricant
viscosity, element diameter, the gear dip factor and the arrangement
constant (Ref. 5). These churning loss expressions were split into
three different sections, which are detailed in Equations 2—4.

Churning Loss for Smooth Outside Diameters (i.e. shafts):
737 f,-v-n*-D* . L
A, -10%

Churning Loss for Smooth Sides of Discs (i.e. gear side faces, both
faces)
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Churning Loss for Tooth Surfaces:
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Load-Dependent Losses

Sliding friction loss. Principally, the instantaneous sliding fric-
tion loss is a function of the instantaneous sliding velocity and the
friction force, which itself is a function of the instantaneous normal
tooth load and the instantaneous coefficient of friction. The magni-
tude of sliding velocity depends on the position of contact along the
contact path with a peak velocity at the start of the approach. The
velocity reduces to O at the pitch point of the two mating gears and
rises again to a peak value at the end of the recess. The effect of the
sliding friction loss is an increase in power consumption, where the
magnitude depends on the point of contact. It is influenced by the
angular velocity of the gears, the ratio of the rolling velocities, the
point of contact, the contact ratio and the lubricant properties.

Anderson et al. analyzed the sliding friction losses along the
path of contact and postulated expressions for the instantaneous
sliding velocity and instantaneous friction force, where the friction
force was a function of the instantaneous coefficient of friction and
gear load. The sliding friction loss is dependent on the position of
contact during the engagement cycle (Refs. 1-2). While the model
proposed was specific for spur gears, the authors have modified the
expression for the instantaneous coefficient of friction to include
helical gearing. This was accomplished by modifying the expres-
sion for instantaneous coefficient of friction to take into account the
helical gear contact length.

The instantaneous sliding power loss is given as:

P(x)= 107 Vi(x)- Fg(x) 5)
where
F(x) = p(x) - w(x) (6)

The postulated expression proposed by Anderson et al. for the
instantaneous coefficient of friction for spur gears is detailed in
Equation 7 and was employed by the authors for this investigation
(Refs. 1-2). The coefficient of friction is given as:

w(x)
T @)

Wo Vs (x)-V; (x)?

G

W(x) =0.0127 -log

The contact length for helical gears, L, has been detailed and
was substituted by the authors into Equation 7 (Ref. 7). Therefore,
the modified equation for the coefficient of friction for helical gears
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is given as:

W(x) :=0.0127 - log| 3)

Wo Vs (x)- TV (x)?

The coefficient of friction used in this analysis is independent
of the gear surface temperature, which—strictly speaking—is inac-
curate. The expression in Equation 8 was substituted into Equation
6 to obtain the sliding power losses.

Rolling friction loss. The rolling friction loss is dependent on
the instantaneous rolling velocity and the instantaneous lubricant
film thickness. As the gear teeth come into mesh, an elastohydrody-
namic lubricant film is developed between the teeth in contact. The
action of the gear teeth during the engagement draws the lubricant
into the contact zone. The parameters that influence the rolling fric-
tion loss are the lubricant film thickness, the angular velocity of the
gears, the working pressure angle and the point of contact along its
contact path. The lubricant properties influence the buildup of the
lubricant film, its shear values and its thermal behavior. In addition,
the gear material and the normal tooth load also influence the film
thickness. In References 1-2, Anderson et al. postulated the instan-
taneous rolling friction force as:

Fp(x)=C,-h(x)-¢,(x)-b )
where the rolling power loss is given as:

P(x) =107 -V, (x)- Fp(x) (10)

This expression for instantaneous rolling force includes a
thermal reduction factor that accounts for the decrease in oil film
thickness as the pitch-line velocity increases (Ref. 6). A relationship
between thermal loading factor and reduction factor was presented
by Anderson et al. and employed by the authors of this investigation
(Ref. 1). The paper by Anderson et al. implied that prior to comput-
ing the thermal reduction factor, the thermal loading factor must be
determined. To account for helical gears, the expression of Equation
12 was modified by the authors, as the contact line length in helical
gears is not synonymous with the face width. The modified instan-
taneous rolling force is given as:

Fr(x)=C,-h(x)-0,- L, (11)

where L , has been defined as the contact length for helical gears.
The expression was substituted into Equation 10 to obtain the slid-
ing power losses.
Mathematical Model
The mathematical model employed for this investigation con-

ITEM DESCRIPTION

1 DRIVING MOTOR
2 SLAVE UNIT
3 TEST UNIT
4 TORQUE LOADER
5 ROTARY UNION

BACK - TO - BACK TEST LAYOUT

Figure 1—Schematic of the back-to-back arrange-
ment for the high-speed gear unit.

sisted of the following expressions:
1. The windage loss equation as employed by Townsend (Ref. 3).
2. Churning loss expressions as detailed in BS ISO/TR 14179, Part
1 (Ref. 5).
3. The rolling and sliding friction losses as postulated by Anderson
et al. (Ref. 1).
Model Validation

The gearbox used to validate the model was a single-stage,
double-helical, speed-increasing gear unit with oil film bearings of
the circular type. The inlet oil temperature was 49°C, and the maxi-
mum bearing temperature did not exceed 87°C. The input shaft and
the output shaft end were sealed by means of a shaft-mounted oil
flinger and non-contacting baffle rings in the housing. A lubrication
pump was driven via a set of reduction gears from the input shaft.
The pump supplied the lubricant for the gear sprayers and the force-
fed bearing. The gear unit was tested in a back-to-back arrangement
(see Fig. 1). A torque loader was fitted between the output shaft
coupling end of the slave unit and the output shaft tail end of the
test unit. The torque loader used for the experiment employed a
pressurized oil system. The oil was supplied via a rotary union (see
Fig. 1). The torque loader consists of an inner rotor and outer rotor,
which are supported in bearings. Oil is fed into the space between
the two rotors, creating a torsional load in the test rig. The bearing
losses in the torque loader were calculated separately beforehand
and subtracted from the motor input power prior to calculating the
gearbox efficiency.

The load conditions for the experiment included 25%, 50%,
75%, and 100% of full load (8.95 MWatts), at 100% input speed
(1,460 rpm). Experimental torque readings were taken with a tele-
metric system from the low speed shaft via strain gauges. Appendix
A details some gear data. It must be noted that the rig was run at full
load and maximum speed (1,460 rpm) for a period of four hours.
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Table 1—Experimental and Theoretical Results of Experiment I.
Power input (kW) 8952 6,714 4476 2,238
% load 100% 75% 50% 25%
Experimental total loss (kW) 12533 116.82 11235 106.75
Experimental total loss (kW) for gear 5508 50.15 50.16 4942
and windage only ’ : ’ ’
Predicted total loss (kW) 5741 533 49.86 4742
Breakdown of Losses
Sliding friction loss (kW) 10.88 6.672 3.05 0.34
Rolling friction loss (kW) 571 5.821 598 6.27
Churning loss (kW) 0 0 0 0
‘Windage loss (kW) 40.82 40.82 40.82 40.82
™
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Figure 2—Comparison between experimental gear and windage losses and
predicted power losses.

Prior to undertaking this test, the gear unit was visually inspected
to ensure gear contact markings were satisfactory full face and
full depth.

The mathematical model for the helical gears in this instance
was accomplished by doubling the face width. The oil mix function
was assumed to be ¢ = 3 and the gearbox space function was taken
as A = 1 as the gear case walls were sufficiently far away from the
gears to be considered as free space. No oil churning took place, as
this was a spray-lubricated arrangement. The experimental results
provided the efficiency for the complete gear unit; therefore, the
bearing losses, seal losses and absorbed power for the lubrication
pump had to be calculated from manufacturer’s information (see
Appendix B). The power loss calculations for the bearings assumed
the maximum clearance condition. As non-contacting seals were
employed, no power losses from the seals were assumed.

As the lubrication pump reduction gears were not separately
sprayed, the oil mist present inside the gear case was assumed suf-
ficient to provide lubrication. Again the same oil mix function and

gearbox space function were assumed. The total predicted power

losses were the sum of the losses from the lubrication pump and
the gearbox. Results are detailed in Table 1. A comparison between
predicted and experimentally determined power losses is shown in
Figure 2. The model predicts a steady decline in power loss corre-
sponding to a reduction in load.

It was observed that by increasing the power input at a fixed
rotational speed, the windage losses remained the same and the roll-
ing friction power losses decreased while the sliding loss increased.

Discussion and Conclusion

The mathematical model detailed in this paper has shown to be
valid, providing an indication of the contribution of each element
within a gearbox with helical gearing to the total power loss. The
predictions and the experimental results show a good correlation,
although the experimental results do not provide a breakdown of
the various power losses. In the breakdown of losses in Experiment
I, it can clearly be seen that the sliding friction losses are heavily
load dependent, increasing with load. However, the rolling friction
losses decreased slightly with an increased load, and this is due to a
decrease in oil film thickness. As the speed was constant during the
experiment, windage losses remained constant throughout the tests.

This investigation did not review or include new mathemati-
cal models for load-dependent bearing losses and speed-dependent
bearing churning and seal losses. O
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Appendix A—Gear Data.

Appendix A—Calculated Gear Data.
Units
Contact line length L mm 499.57
Pinion teeth number z, 115 -
ting diametes
Wheel teeth number z, 21 - Opera . ;edm“e ' v mms 78,811
Center distance a 609.6 mm
Gear contact tangential
Normal module m 8 mm load W, N 113,588.59
Normal pressure
) o 20 deg. Gear contact
angle normal load w, N 133,374.62
Helix angle B 25 deg. valent Y R
Do Fauivalers Young:s ., N/mn? 2747253
Face width b 285.75 mm helical
Pinion shjft N 0989 B Pinion torque T, Nm 58,551.58
coefficient !
Wheel shift X 0.181 -
coefficient 2
Pinion, Young’s E 207,000 N/mm? Appendix B—Bearing, Lubrication Pump and Seal Losses.
modulus !
‘Wheel, Young’s E 207,000 N/mm? Power input (kW) 8,952 6,714 4476 2,238
modulus 2
Pinion, Poisson’s % load 100% 75% 50% 25%
. ny, 03
ratio
Experimental total
isson’ 12533 116.82 112.35 106.75
Wheell,a}:imsson s , 03 loss (kW)
0
Specific heat C 544 JkgK
Power Loss in
Specific heat C, 544 J/kgK Each Bearing
Thermal conductivi K 46 W/mK ini i
v ! Pinion coupling 29 2137 1937 17.28
bearing (kW)
Thermal conductivity K, 46 W/mK
Pinion tail
bearing (KW) 229 21.37 19.37 17.28
Application
‘Wheel couplin;
Pinion speed n 1460 pm bearing (kl;v)g 393 367 343 309
Transmitted power P 8,952 kW .
Wheel tail 393 367 343 300
bearing (kW)
Lubricant
Lubricant factor - 1 for rf)ui?aa] Lubrication Pump
Viscosity ny 46 mm?/s 313 ;;g K Absorbed power (kW) 16.59 16.59 16.59 16.59
5 at
ny 21 mm’/s 333 deg K
Seal Losses at Each
Specific gravity o] 873 kg/m? Shaft (kW)
Dynamic viscosity n 001833 Pas Pinion coupling (kW) 0 0 0 0
Viscosi ‘Wheel coupling (kW) 0 0 0 0
iscosity-pressure o 220E-08 N
coefficient
Thermal conductivity K 1.25E-01 W/(m*K) Total loss (kW) 70.25 66.67 62.19 57.33
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