Design Of Involute Gear Teeth
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Involutes applied to two one-tooth gears, indicating that the involute

has its origin at the base circle, but is not limited in length

In designing involute gear teeth, it is essential that the fun-
damental properties of the involute curve be clearly understood.
A review of “the Fundamental Laws of the Involute Curve”
found in last issue will help in this respect. It has previously
been shown that the involute curve has its origin at the base
circle. Its length, however, may be anything from zero at the
origin or starting point on to infinity. The problem, therefore,
in designing gear teeth, is to select that portion of the involute,
which will best meet all requirements.

Involute Curve Not Limited in Length
Fig. 1 shows a pair of one-tooth involute gears in theoretically
perfect action. The application of the involute curve, as here
presented, offers an interesting study. Although of little or no
practical value as driving members, the extremities at which
involute action may take place are here made plain and the
nature of the involute curve made clearer.

It will be noted in Fig. 1 that each of the two involutes con-
stitutes an unsymmetrical tooth. If B acts as a driver and rotates
in the direction indicated by the arrow, A will rotate in the
opposite direction. Contact will take place along the line of ac-
tion which, in this particular case, is the circumference of the
base circle and also the base pitch of the involute.

The circular pitch of these two involutes developed from a
base circle of only 1% inches is 15.537 inches. The diametral
pitch is 0.2022. It is of passing interest that the pressure angle
must always be 72 degrees, 21 minutes, when a single involute
effects complete rotation of a single engaging involute. The
pressure angle of 72 degrees, 21 minutes is, of course, excessive,
and these engaging involutes are obviously incapable of
transmitting any but the lightest loads.

Factors to be Considered in Gear-Tooth Design
It has previously been shown that the transmission of smooth
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Fig. 2—Diagram illustrating various forms of involute gear teeth.

positive power requires that there must be a number of engag-
ing teeth on driver and driven members. Also, that the follow-
ing requirements must be satisfactorily met.

1. That there is no involute interference.

2. That there is no fillet interference.

3. That there is ample overlap of tooth action.

4. That a suitable pressure angle has been selected.
5. That excessive slippage is avoided.

Most of these requirements were briefly explained in the last
issue, and we will now deal with their relationship to gear tooth
design.

Gear-Tooth Shapes
There are in use today several forms of gear teeth; such as:
147 ° full-depth teeth, 20° full-depth teeth; and 20° stub teeth.
Full-depth teeth, as shown at A in Fig. 2, have a working depth
equal to:

2.000 inch
*Diametral Pitch

There are also two stub-tooth forms, both having a pressure
angle of 20 degrees. The so-called “Fellows” stub-tooth system,
originated in 1906, is a combination of two diametral pitches.
For example, 6/8 pitch; in which the numerator of the fraction
controls the number of teeth, circular pitch and pitch diameter;
and the denominator of the fraction controls the working depth
and the clearance. The American Gear Manufacturers Associa-
tion has adopted a stub-tooth standard, see B, Fig. 2, in which
the working depth is a constant proportion throughout the en-
tire range and is equal to:

1.600 inch
fDiametral Pitch

*Refer to Tables [ll to VI, inclusive.

Refer to Table VII.
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In those cases where a pinion having a relatively small
number of teeth must operate with a gear having three or more
times as many teeth, a condition known as interference is
sometimes encountered. Several solutions to this problem have
already been given. One method is to use long-and short-
addendum teeth as indicated at C in Fig. 2. This form of tooth
cannot be standardized as the lengths of the addendums on
pinion and gear are governed by the ratio of the number of
teeth in mesh, and the pressure angle used. For average applica-
tions, the maximum enlargement and reduction of the outside
diameters of pinion and gear, respectively, seldom exceeds 10%
of the standard outside diameters.

Still another form of tooth is indicated at D in Fig. 2. This
is known as the “full-radius fillet” form. This form of tooth is
used quite extensively for aircraft gears and pump gears. The
advantages are that it provides not only a stronger tooth, but
also one which is not so liable to have fracture cracks develop
at the root of the tooth as a result of heat treatment.

Of course, other pressure angles, in addition to the standard
14 and 20 degree tooth shapes are used, but, a simple change
in pressure angle, cannot in reality be considered as a different
form of tooth. There are, however, other forms of teeth, but
these are chiefly to meet special requirements, as will be
discussed later.

Pressure Angle Depends on Portion of Involute Used

In designing gear teeth a primary consideration is to select
that portion of the involute for the teeth which will best meet
requirements, In Fig. 3 a series of parallel involutes, A,B,C and
D, have been developed from the same base circle, and on these
involutes, teeth of the same diametral pitch have been con-
structed. These teeth, as shown, have 144, 20, 25 and 30
degree operating pressure angles. It will be noted that as the
pressure angle is increased, a different section of the involute
is employed for that portion of the tooth above the base cir-
cle. It is also interesting to note the shift in the location of the
pitch circles relative to the base circle as the operating pressure
angles are increased. This would, of course, necessitate an in-
crease in the center distance when mating with another gear.

In the case of the 14% degree pressure angle tooth, there
is an undercut of the flank of the tooth which almost reaches
to the pitch circle. This undercut condition naturally reduces

Fig. 3—Diagram illustrating that pressure angle is governed by portion of in-
volute used for gear tooth.



the effective length of the line of contact with a mating tooth,
and might affect the tooth action. The amount of undercut
would depend, also, on the number of teeth in the gear, as well
as, the pressure angle. In all of these cases, the teeth were
developed from a base circle for a 12-tooth, 1 diametral pitch

gear.

Relation of Pressure Angle to Interchangeability

The previous remarks regarding slippage, interference, con-
tinuous action, etc., should be sufficient to make plain the
necessity for a careful study of these factors in the design of
involute gears to obtain the best possible results under specific
conditions. In connection with the design of gears for inter-
changeable application, the pressure angle selected is of great
importance. Together with the length of the addendums, it
determines the possible range of involute action between mating
gears, For full-depth teeth of standard proportions, the adden-
dum is made equal to the reciprocal of the diametral pitch. For
example, the addendum of an 8-pitch gear is 18 inch.

It is also common practice in the design of involute gearing
for interchangeable application to keep the number of teeth
in the pinion as large as possible, and preferably not go below
12 teeth in the pinion. The other extreme is the rack.

An interchangeable system of gearing to meet these re-
quirements without tooth interference, and at the same time
provide a suitable length of contact, is diagrammatically
presented in Fig. 4. At A, a 12-tooth pinion of 1 diametral pitch
is shown in engagement with a rack tooth of 1-inch addendum,
and at B, two 12-tooth pinions are shown in engagement.

Obviously, if the top of the rack tooth extends beyond the
interference point, it will interfere with the flank of the pinion
tooth. This interference point can, therefore, be used to establish
the base circle of the mating pinion tooth. The base radius can
be determined by the following formula:

R, VRR — a)
In which:

R = Pitch radius of pinion

R, = Base radius of pinion

a = Addendums of rack and pinion teeth

Assuming that the pitch radius of the pinion is 6 inches, and
the addendums are 1-inch, then:

Ry =V 66 — 1) =V 6 x5 = 5,477 inches
The pressure angle p can be found by the following formula:

p --—————'6— = 0.91283 = cosine of 24° 6’

The diagrams in Fig. 5 show a 1 diametral pitch 12-tooth
pinion and rack, and two 12-tooth pinions in engagement. In
one case, the addendums are 1-inch, and in the other, 0.800 inch.

In the case of the 12-tooth pinion and rack with 1-inch ad-
dendums, and 24° 6' pressure angle, contact starts at the in-
terference point. The length of contact exceeds the base pitch
by 1.491 inches. This gives 1.491 + 2.868 or approximately
51% overlap of action. In the case of the two 12-tooth pinions,
which represent the low point of the range, tooth contact, as
shown at B remains well inside the interference points. Here,
the length of contact exceeds the base pitch by 0.950 inch. This
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Fig. 4—Diagram illustrating that a pressure angle of 24° 6 meets all requirements
from a 12-tooth pinion to a rack.
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Fig. 5—Diagram illustrating gear and rack teeth having full-depth and stub-tooth
forms of 24° &' pressure angle.
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gives 0.950 + 2.868, or approximately 33 % overlap of action.
At C and D, Fig. 5, the addendums of the rack and pinions,

respectively, have been shortened to 0.800 inch. In other words,
the teeth are of stub-tooth form. At C, it will be noticed that
contact between rack and pinion tooth does not start at the
interference point, as was the case at A, but further along the
line of action. At C the length of contact exceeds the base pitch
by 0.670 inch. This gives 0.670 + 2.868, or approximately 23 %
overlap of action. At D, contact of the two 12-tooth pinions
is well inside the interference points, and hence the line of con-
tact is shorter than in all the previous cases. There is only 0.292
inch difference between the base pitch and the length of con-
tact. Hence, the overlap of action is only 0.292 + 2.868, or
approximately 10%. It will be seen from these diagrams that
a pressure angle of 24 6’ avoids interference and at the same
time provides sufficient overlap of tooth action for the entire
range of 12 teeth to a rack.

Relation of Pressure Angle to Interference

It has previously been explained that interference occurs
when the involute of one tooth extends beyond the point of
tangency of the line of action and the base circle. In Fig. 6, a
12-tooth pinion of 20 degrees pressure angle, full-depth tooth,
is shown in engagement with a 40-tooth gear. It will be noted
that the 40-tooth gear contacts the flank of the pinion tooth
well in advance of the zone of contact. Therefore these gears
will not operate satisfactorily, because the gear tooth “hooks”
into the flank of the pinion tooth. The positions of the pinion
and gear teeth, where involute interference commences, are in-
dicated by the dotted outlines.

Involute interference between gear teeth can be determined
graphically, as shown in Fig. 7, or by means of a simple calcula-
tion. In Fig. 7, Ry represents the maximum permissible out-
side radius of the gear to avoid involute interference; R
represents the base radius of the pinion; C is the center distance,
and a the pressure angle.

Example: Assume that it is necessary to determine if involute
interference will be present between a 10-pitch pinion of 12
teeth and a 30-tooth gear, the teeth to be 144 degree pressure
angle and of full-depth. The pitch diameter of the pinion is 1.20
inches, and the base diameter is 1.20 X cos 14% degrees, or

LENGTH OF CONTACT ‘

GEAR - 40TEETH
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INTERFERENCE POINT

PINION - 12 TEETH

Fig. 6—Diagram illustrating interference of gear tooth with flank of pinion tooth.
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Fig. 7—Diagrammatical method for determining location of “natural” interference
point.

1.1618 inches. The base radius of the pinion is therefore 1.1618
+ 2, or 0.5809 inch. The center distance C is 2.10 inches. The
maximum permissible outside radius of the gear to avoid in-
volute interference is found as follows:

Ry =V + R*— 2(CR)cos a

Ry =V 2.10° + 0.5809* — 2(2.10 X 0.5809) cos 142 °
R; = 1.544 inch, approximately

The standard outside radius of the gear is 1.60 inch which
is greater than Ry by 0.056 inch, indicating that the outside
radius of the gear would have to be reduced 0.056 inch to avoid

involute interference; or other methods, previously explained
in last issue, would have to adopted.

Involute Interference between Gear and Rack Teeth

The previous example presented a method for determining
involute interference between two gears. Fig. 8 illustrates a
method for determining the smallest permissible number of
teeth in a gear that will operate with a rack without involute
interference. There are three controlling factors: diametral pitch,
length of addendums and pressure angle.

When the pressure angle, diametral pitch, and addendums
are known, the pitch radius and the smallest permissible number
of teeth in the gear at which involute interference commences
are determined as follows: Assume that it is necessary to find
the smallest number of teeth in a gear of 10-diametral pitch,
0.100-inch addendum, and 142 ° pressure angle.

Referring to Fig. 8, distance X — A X cot. 14%4° =
0.38667 inch. Distance Y =~ X X cot. 14%4° = 1.4951 in-
ches. Then, the pitch radius = Y + A, or 1.4951" +



0.1000" = 1.5951 inches, and the pitch diameter = 1.5951~
X 2 = 3.190 inches. The number of teeth = pitch diameter
x diametral pitch, or 3.190" x 10 = 31.9, or 32 teeth.

The minimum number of teeth for 20° full-length is 18, and
for 20° stub teeth, with 8/10 addendum, is 14.

Relation of Pressure Angle, Addendum and Pitch
to Length of Contact

There is a limit to the amount that the tooth can be modified,
the pressure angle increased, or the teeth shortened, if con-
tinuous action is to result. As shown in Fig. 9, the length of
contact L must be greater than the base pitch B to avoid lack
of continuous action. With this particular tooth ratio, pitch,
pressure angle and tooth length, the theoretical length of the
line of action extends from points ¢ to f. The actual usable length
of the line of action—or line of contact—is determined by the
outside radii of both gear and pinion. If interference were pre-
sent, however, this would not be the case. The starting point
of action is at point i where the outside radius of the pinion
cuts the line of action, and could extend to point ¢ without in-
terference. In this case, however, the other limit of contact is
at point k, where the outside radius of the gear cuts the line
of action.

In general practice, it is considered that for the best action,
the length of the line of contact should be at least 1% times
the base pitch (the base pitch is the circular pitch transferred
to the base circle). The length of the line of contact can be deter-
mined graphically as shown in Fig. 9, or it can be calculated.

In those cases where a small pressure angle and long adden-
dums are used, and especially in conjunction with a small
number of teeth in the pinion and a high ratio, the length of
the line of contact is not controlled by the length of the adden-
dums of both gear and pinion due to interference. If for in-
stance, the pinion has such a small number of teeth that the
distance hf (f, representing the interference point) is less than
the distance hk, interference would be present to reduce the
effective length of the line of contact.
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Fig. 8—Diagram illustrating method for determining permissible minimum
number of teeth in a gear that will operate with a rack tooth without involute
interference.

The length of the line of contact, ignoring the presence of
interference, which should be determined separately, as
previously explained, can be found by the following formula:
(For notation see Fig. 9).

L=Vr —rF +VR =R VC —R + rf

In which:
L = Active length of line of contact
r = Base radius of pinion
r; = Outside radius of pinion
R = Base radius of gear
R, = Outside radius of gear
C = Center distance

Example: Assume that it is necessary to determine the length
of the line of contact L of a 10-pitch gear and pinion, the pinion
having 15 teeth and the gear 30 teeth, the tooth form being
20 degrees full-depth.

Dimensions Pinion Gear
Pitch radii 0.750~ 1.500"
Outside radii, r, and R, 0.850* 1.600*
Base radii, r and R 0.7048 " 1.4095 "~

Center distance, 2.250”. Then:

L =V 0.850° — 0.7048° +V 1.600° — 1.4095° —
V 2.250° — (7048 + 1.4095)
L =V 02258 +V 05733 —V 5921

L = 04752 + 0.7572 — 0.7695
L = 04629~

Fig. 9—Diagram illustrating mathematical method for determining actual length
of tooth contact.
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Fig. 10—Diagram illustrating method of designing gears for maximum efficiency
by using long-and short-addendum teeth.

The contact ratio is then equal to the length of the line of
contact L divided by the base pitch, and the base pitch is equal
to the circular pitch times the cosine of the pressure angle. The
circular pitch is 0.3142 %, and the base pitch is 0.3142 x cosine
20° = 0.2952". Then the contact ratio equals 0.4629" +
0.2952 = 1.57 approximately, which is greater than the
theoretical minimum required for the best action.

Designing Gears for Maximum Efficiency

Mention has already been made of the relationship of tooth
ratio, tooth length, pressure angle, etc., to interference, under-
cut, length of line of contact, etc. When so-called standard tooth
proportions, pressure angles, and interchangeability, are neither
necessary nor desirable, it is possible to so proportion the ad-
dendums of gear and pinion, respectively, and select a pressure
angle which will provide the best possible operating conditions
to meet the requirements.

The first step, after the tooth ratio has been decided upon,
to select a diametral pitch, which, with standard tooth pro-
portions, will provide the tooth strength necessary to carry the
assumed load. The tooth ratio and pitch, of course, will establish
the center distance and pitch diameters. The tooth ratio will
have a bearing on the pressure angle selected, as a starting point
in determining the proportions of the teeth.

As a concrete example, assume that the ratio is 3 to 1, and
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that 14 and 42 teeth of 10-diametral pitch have been selected.
The calculated pitch diameters would then be: 1.400 inches for
the pinion, and 4.200 inches for the gear. The center distance
would then be:
4.200 + 1.400 o 2.800 inches.
2

To proceed, we lay out a diagram, on an enlarged scale, as
shown in Fig. 10, space off the center distance, and assume a
pressure angle of 20 degrees. This establishes the line of action
and the interference points. In cases of an unequal ratio, it is
always the larger of the two gears that is liable to cause in-
terference. Hence, the outside circle of the gear should not ex-
tend beyond the interference point on the pinion tooth.

Assuming that the pinion is the driver, we can now proceed
to lay out the teeth, and in order to be on the safe side, and
avoid possible interference, we draw a circle representing the
outside circle of the gear 0.010 inch inside the interference point.
If the outside diameter of the gear, thus determined, is less than
the standard diameter for a 10 pitch 42-tooth gear, then the
outside diameter of the 14-tooth pinion would be enlarged a
similar amount. The next step is to decide whether standard
or special cutters will be used. Assume in this case that it is
decided to use standard cutters, 20 degree pressure angle, full-
depth teeth. The whole depth of a 10-pitch gear is 0.2250 inch.
This distance for gear and pinion, respectively, is laid out on
the center line, and circles drawn representing the root circle
of the gear, and outside and root circles of the pinion. Where
the outside circle of the gear cuts the line of action is one ex-
tremity of the line of contact, and where the outside circle of
the pinion cuts the line of action is the other extremity.

We can now measure (or calculate), the actual length of con-
tact, and by comparing this with the base pitch, can determine
the overlap of action. If this meets the requirements, the pro-
blem is solved. It will be noticed in Fig. 10 that the normal pitch
is 0.2952 inch, and the length of the line of contact is 0.461
inch. The overlap of action then equals (461 + ,2952)—1, or
56%, approximately, The use of long- and short-addendums
for pinion and gear, respectively, have avoided involute in-
terference, and provided a sufficient overlap of tooth action.

Referring to Fig. 10, it will be seen that the outside diameter
of the pinion has been increased from 1.600 inch to 1.634 inch,
an increase of 0.034 inch. The outside diameter of the gear has
been reduced from 4.400 to 4.366 inches, a decrease of 0.034
inch, the same amount as the pinion. In effect, long- and short-
addendums for pinion and gear, respectively, have solved our
problem.

If on the other hand, the ratio had been such that a suffi-
cient overlap of action could not be obtained and interference
avoided, other pressure angles could be used until the desired
results had been obtained. It also might be necessary to use
special cutters—this would especially be the case if it was desired
to balance the teeth in gear and pinion—, respectively, for
strength. In most cases, the pinion teeth would be weaker than
the gear teeth; therefore, the thickness of the teeth on the gear
would be reduced, and the thickness of the pinion teeth
increased.

Pitch Diameter and Its Relation to Center Distance
The pitch circles of a pair of gears are the imaginary circles




on which the gear teeth “roll” without slippage. These circles
are tangent to each other at the pitch point. The radii of the
pitch circles of a pair of gears are determined by dividing the
center distance into the same proportion as the numbers of teeth
in the two mating members. Thus, for a given center distance
and tooth ratio, the pitch circle diameters are fixed. In some
cases, in order to indicate backlash, the pitch diameters are
dimensioned a slight amount undersize. This procedure is in-
correct. Backlash is obtained by decreasing the thickness of the
teeth, and should be indicated by a chordal tooth thickness
dimension. Backlash in a pair of gears can be determined by
the thickness of a feeler, which can be placed between the teeth,
or by a change in center distance, see Fig. 11.

When gears are cut by the generating method, backlash be-
tween the teeth can be obtained either by using a cutter with
teeth thicker than standard, or by feeding the cutter in to a suf-
ficient depth to reduce the thickness of the gear teeth the

necessary amount.

Backlash between Gear Teeth

Theoretically speaking, gear teeth should run together
without appreciable backlash. From a practical standpoint,
however, this is impossible due to the following reasons: 1.
Perfection in cutting and mounting is an impossible achieve-
ment because of manufacturing tolerances, which should be as
wide as possible to reduce costs. 2. Space between the teeth
must be provided to aid lubrication. 3. Temperature changes
due to speed and other causes affect sizes of gears and spacing
of shafts on which gears are mounted. In view of these condi-
tions, it is necessary to provide a certain amount of freedom
between the teeth, so that they will not bind when operating
together.

The term “backlash” can be defined as the amount by which
the width of a tooth space exceeds the thickness of the engaging
tooth on the pitch circles, as actually indicated by measuring
devices. Backlash may be determined in the plane of rotation

or normal plane, and along the line of action.
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Fig. 11—Diagram illustrating two methods of determining backlash between
gear teeth.

Methods for Determining Amount of Backlash

Several methods are used for indicating and checking
backlash. The common method, particularly with spur gears,
is to place the mating gears on pins located at the correct center
distance, and then measure the backlash by the use of a feeler
gage inserted between the teeth, as shown at A in Fig. 11.

Another method is to place the gears on pins and bring the
teeth into intimate contact, and then determine the difference
between the standard and measured center distance, as shown
at B, Fig. 11. This last check does not indicate backlash directly,
but the amount of backlash can be determined by the follow-
ing formula:

B= 2tanaxd

In which:

B = Backlash in inches

a = Pressure angle

d = Difference between standard and measured center

distances

A third method, shown diagrammatically in Fig. 12, is to use
a dial indicator in connection with a fixture for holding the gears
on studs. One of the gears should be fixed so that it cannot
rotate on the stud. The gears are set at standard center distance.
The “free” gear is rotated so that its profile (away from the in-
dicator plunger) is in intimate contact with the other gear. The
indicator plunger is then set in contact with the profile of one
tooth, and the needle set at zero. The “free” gear is then rotated
to bring the opposite sides of the teeth in contact, and the
reading on the dial indicator noted. This reading indicates the
relative “rotary” movement of the “free” gear, and, hence, the
backlash or freedom that exists between the teeth.

In checking helical gears, the backlash is measured in the nor-
mal plane, instead of in the plane of rotation, as is the case with
spur gears. The method just described can be applied satisfac-
torily to both spur and helical gears. In providing for backlash,
it is customary, when a small pinion is to operate with a larger
gear, to reduce the thickness of the teeth on the larger gear
to provide the necessary backlash, leaving the pinion teeth of
standard tooth thickness.

Effect of Center Distance Change and
Pressure Angle on Amount of Backlash

The chart in Fig. 13 is presented to illustrate how a change

Fig. 12— Diagram illustrating method of measuring backlash with dial indicator—
gears held on pins at standard center distance.
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the center distance can be adjusted, such as by the use of
eccentric bushings.

Fig. 13—Chart illustrating how pressure angle affects change in backlash for
each 0.001 inch change in center distance.

in pressure angle affects the amount of backlash between gear
teeth when the center distance is increased. As shown on this
chart for each 0.001 inch increase in center distance, the backlash
between the teeth increases as the pressure angle is increased.
This increase in backlash for the various pressure angles listed
for each 0.001 inch change in center distance is as follows:

Increase in Backlash

Pressure Angle in Degrees in Inches

5 0.00017
10 0.00035
142 0.00052
15 0.00054
20 0.00073
25 0.00094
30 0.00115
35 0.0014

For example, the difference in the amount of backlash for
each 0.001 inch change in the center distance between 141
and 20 degrees pressure angles is: 0.00073 — 0.00052 =
0.00021 inch more backlash for 20 than 144 degrees pressure

angle.

Other Factors Affecting Amount of
Backlash between Mating Gear Teeth

In addition to changes in center distance, several other fac-
tors affect the actual amount of backlash between mating gear
teeth such as: tooth spacing errors, runout, and errors in lead
of helical gears. Obviously, the amount should be sufficient to
permit the gears to rotate freely when cut to prescribed
manufacturing tolerance. Table I lists minimum, maximum, and
average backlash for spur and helical gears.

It should be understood that gears, which are operated at high
speeds, require more backlash than gears operating at slower
speeds. The values in Table | should prove satisfactory for gears
operating at speeds up to 1500 surface feet per minute. For gears
operating at speeds in excess of 1500 surface feet per minute,
the values should be increased slightly over those listed in the
maximum column. Gears which are to operate at higher speeds
should also be more accurately cut and mounted than slower
operating gears.

In precision gears, where close tolerances on backlash are
demanded, several methods are employed. One method is to
use selective assembly; the other is to mount the gears so that
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TABLE |
BACKLASH BETWEEN TEETH OF MATING SPUR AND HELICAL GEARS
BACKLASH IN INCHES
DIAMETRAL
PITCH MINIMUM AVERAGE MAXIMUM
1 0.025 0,082 0.040
114 0.018 0.0225 0.027
2 0.014 0.0170 0,020
214 0.011 ~ 0.0135 0.016
3 0.009 ~ 0.0115 0.014
4 0.007 00000 0.011
5 0.006 0.0075 0.009
[] 0.005 0.00685 0008
7 0.004 ~ 0.0055 0.007
8and D 0.004 | 0.0050 0.008
10 to 13 0.003 0.0040 0.005
14 to 10 0.003 0.0040 0.005
20 to 40 0002 | 0.0030 0.004
41 to 60 0.0015 0. 0022 0.003
61tol120 | 00010 = 00015 | 0002
121 and Finer | 0.0005 00007 0.001

Fig. 14—Diagram illustrating effect of an increase in the pressure angle on the
load transmitted to the supporting bearings.

Relation of Pressure Angle to
Load on Supporting Bearings
An increase in the pressure angle does not have a marked
effect on the resultant load on the supporting bearings as is
(Continued on page 45)



Double Enveloping Worm Gears . . .
(Continued from Page 16)

(2) reductions at approximately 92 %-93 % overall efficiency or
three (3) reductions at about 89 %-90% efficiency. The worm
gearbox with a 20:1 ratio will have about 85%-87 % efficiency.
A 30:1 ratio helical reducer will generally require three (3)
meshes with approximately 89%-90% efficiency. The 30:1
wormgear speed reducer will have an efficiency of approxi-
mately 83 %-84%. You can see the helical box is more effi-
cient, but certainly not to the degree often claimed.

There are other inherent advantages in worm gearing which
must be considered in evaluating the application and the type
of gearing intended for that application. Double enveloping
worm gearing will take a momentary overload of 300%,
whereas helical gearboxes are only designed for 200 %, momen-
tary overload. Helical gearboxes restrict motor starting capac-
ity to 200% , whereas double enveloping worm gearboxes per-
mit 300 % . Generally speaking, worm gearboxes are smaller in
overall size and weight, and in terms of horsepower capacity,
generally less expensive. In addition, with compactness of the
double enveloping wormgear principle, double enveloping gear-
boxes are more compact and weigh less, horsepower for
horsepower, than cylindrical gear reducers.

This paper was published for the National Conference on Power
Transmissions 1979 and reprinted in “Technical Aspects of Dou-
ble Enveloping Worm Gears, a Cone Drive Publication.
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Design of the Involute . .
(Continued from page 44)

generally supposed. In other words, bearing pressures are not
greatly affected by an increase in the pressure within the usual
limits. This condition is graphically presented in Fig. 14. To con-
struct this diagram, draw a line A B at right angles to the line
of centers and tangent to both pitch circles, Then draw a line
C D tangent to the base circles and passing through the pitch
point E; this line representing the pressure angle. Now drop
a perpendicular at any point G on line A B, passing through
line C D at point F. With E as a center and E F as a radius
scribe an arc. Increases in the load on the supporting bearings
due to changes in pressure angle can be determined graphically
by noting the changes in distance H, as the pressure angle
changes. It is apparent that the load-increase is the ratio of
lengths E G to E F, and is, therefore, proportional to the secant
of the pressure angle.

The second column in Table Il gives the secants of various
pressure angles listed in the first column, and ranging from 142
up to and including 30 degrees.

The last column lists in terms of percentage, the increase in
the load as compared with 144 degrees. It will be noticed that
an increase in the pressure angle from 14 to 20 degrees, results
in an increased load on the supporting bearings of only 3

percent.
(Continued on the next page)

Scoring Load Capacity . . .
(Continued from puge 30)

Conclusion

A new method for scoring load capacity rating, based
on the calculation of a mean, weighted flank tempera-
ture, the integral temperature, has been described. The
limiting temperatures necessary, for the definition of a
scoring safety factor, can be obtained from any available
gear oil test. The method is valid for all types of oils as
straight mineral, mild and EP-oils, as well as, synthetic
oils where gear scoring tests are available. The method
was checked with more than 300 scoring tests on test
rigs and more than 100 practical gears with and without
scoring damages. A good correlation was found for the
Integral Temperature Criterion, and it was obviously
superior to the Total Temperature Method, as well as, to
the Scoring Index Method.

The method has been modified for bevel and hypoid
gears(10) and even in this field of application a good
correlation between calculated scoring factors and field
experience was achieved.
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TABLE 1l

RELATION BETWEEN PRESSURE ANGLE AND LOAD ON BEARINGS

PRESSURE COMPARISON OF INCREASED
ANGLE BECANT LOAD ON BUPPORTING BEAR-

DEGREES INGS IN TERMB OF PERCENTAGE

1414 1.0820

17 1.0457 1}4%

20 1.0642 3

2214 1.0824 4.8%,

24-6 1.0955

2714 1.1274 9.1%,

30 1.1547 11.8%

TABLE Il

GEAR TOOTH PARTS

Standards in Bold-Face Type. For Full-Length Tooth Generated Gears
Dedendum = 1250 + D. P. Up to and Including 190 D. P

Crcular DIMENSIONS IN INCHES
lar Adden Deden.  Whole u&nulhun
iC Py dum dum nra

o™ (Inches) M) i€ | N 0 WD |II'
31416 1 8.0851 | 0.5000 | 0.3183 | 0.3979 | 0.7162 | 1.4324
3.1750 | 0.9895 8 0.4947 | 0.3150 | 0.3937 | 0.7087 | 1.4174
3.2774 | 0.9586 7% | 0.47¢3 | 0.3052 | 0.3814 | 0.6866 | 1.3732
33610 | 15716 | 7.5798 | 0.4687 | 0.2084 | 0.3730 | 0.6714 | 1.3428
3.4867 | 0.9276 7% || 0.4638 | 0.2953 | 0.3691 | 0.6644 | 13288
35034 n.sm 7Y, || 0.4484 | 0.2854 | 0.3568 | 0.6422 | 1.2844
3.6904 Ty 7.0744 || 0.4375 | 0.2785 | 0.3482 | 0.6267 | 1.2534
_3.6286 | 0.8u58 7 0.4320 | 02766 | 0.3445 | 0.6201 | 1.2402
3.7630 | 08349 | 6% | 0.4174 | 0.2657 | 0.3322 | 0.5079 | 1.1958
3.8666 | 13/16 | 6.5691 | 0.4062 | 0.2586 | 0,3233 | 0.5819 | 1.1638
3.9077 | 0.8040 6% | 0.4020 | 0.2559 | 0.3199 | 0.5758 | 1.1616
4 0.7854 | 6.3500 | 0.3927 | 0.2500 | 0.3125 | 0.5625 | 1.1250
4.0640 | 0.7730 6Y, | D.3865 | 0.2460 | 03076 | 0.5536 | 1.1072
4.1888 ¥ 6.0638 | 0.3750 | 0.2387 | 0.2984 | 0.5371 | 1.0742
42333 | 0.7421 6 0.3711 | 0.2362 | 0,2952 | 0.5314 | 1.0628
44174 | 07112 5% | 0.3556 | 0.2264 | 0.2830 | 0.5094 | 1.0188
4.5696 | 11716 | 55585 | 0.3437 | 0.2188 | 0.2736 | 0.4923 | 0.9846
4.6182 | 0.6803 5% | 0.3401 | 0.2165 | 0.2707 | 0.4872 | 0.9744
4.7124 o] 5.3900 | 0.3333 | 0.2122 | 0.2653 | 0.4775 | 0.9560
4.8381 | 06493 51 | 03247 | 0.2067 | 0.2584 | 0.4651 | 0.9302
5 0.6283 | 5.0800 | 0.3142 | 0.2000 | 0.2500 | 0.4500 | 0.9000
5.0266 N 5.0531 | 0.3125 | 0.1989 | 0.2487 | 0.4476 | 0.8952
5.0800 | 0.6184 5 0.3092 | 0.1968 | 0.2461 | 0.4429 | 0.8858
53474 | 0.5875 4% | 0.2938 | 0.1870 | 0.2338 | 0.4208 | 0.8416
55851 | 9/16 | 4.5478 | 0.2812 | 0.1790 | 0.2238 | 0.4028 | 0.8058
5.6444 | 0.5566 | 4% | 0.2783 | 0.1772 | 0.2215 | 0.3 0.7974
50765 | 05267 4% | 0.2628 | 0.1673 | 0.2091 | 0.3764 | 0.7528
6 | 05236 | 4.2333 | 0.2618 | 0.1667 | 0.2083 | 0.3750 | 0.7500
2832 ys 4.0425 | 0.2560 | 0.1581 | 0,1989 | 0.3580 | 0.7160
6.3500 | 0.4947 4 0.2473 | 0.1575 | 0.1968 | 0.3543 | 0.7086
67733 | 0.4638 3% | 0.2319 | 0.1476 | 0.1845 | 0.3321 | 0.6642
i 0.4488 | 3.6286 | 0.2244 | 0.1429 | 0.1786 | 0.3215 | 0.6430
7808 | 7/16 | 35372 | 0.2187 | 0.1393 | 0.1741 | 0.3134 | 0.6268
7.2571 | 0.4329 3% | 02164 | 0.1378 | 0.1722 | 0.3100 | 0.6200
7.8154 | 0.4020 3l | 0.2010 | 0,1279 | 0.1599 | 0.2878 | 05756
] 03927 | 3.1750 | 0.1964 | 01250 | 0.1563 | 0.2813 | 05626
83776 3 | 3.0319 | 0.1875 | 0.1194 | 0.1492 | 0.2686 | 0.5372
BA4667 | 03711 3 0.1855 | 01181 | 0.1477 | 0.2658 | 0.5316
9 0.3491 | 28222 | 0.1745 | 0.1111 | 0.1380 | 0.2500 | 05000
9.2364 | 0.3401 2% | 0.1701 | 0.1082 | 0.1353 | 0.2435 | 0.4870
94248 % 2.6950 | 0.1667 | 0.1061 | 0.1326 | 0.2387 | 0.4774
10 0.3142 | 2.5400 | 0.1571 | 0.1000 | 0.1250 | 0.2250 | 0.4500
10.0531 | 5/16 | 25266 | 0.1562 | 0.0995 | 0.1244 | 0.2299 | 0.4478
10.1600 | 0.3092 | 2% [ 0.1546 | 0. 01230 | 0.2214 | 0.4428
11 0.2856 | 2.3001 | 0.1428 | 0.0909 | 0.1137 | 0.2046 | 0.4092
11.2889 | 02783 z-% 0.1391 | 0.0886 | 0.1107 | 0.1993 | 0.3986
12 0.2618 | 2.1167 | 0.1308 | 0.0833 | 0.1042 | 0.1875 | 0.3750
12.5664 % | 20213 | 0.1250 | 0.0796 | 0.09 0.1791 | 0.3582

TABLE IV
AR TOOTH PART=

P Up to and Incloding 19 1.

P40 for w0 D

‘-?'-3

0.0900 | 0.
0.0868 | 0.
| D.088E |
0.0604 0.0867
o1 0.0682 | 0.0270  O0.0464 | 0.0834
] :.mi 0.0367 gm 0.0806
WW"W
01013 | 08194 | 0.06067 00323  0.0407 | 00730
0.0082 &% m 0.0813 | s.‘ o.0708
i3 | 4t 868 S0 SR |86 |
0.04638 4
0.0024 | 07471 | 0.04620| 0.0094  0.0873 O.m
8“ %w 0.04488 g.ﬂl 0.0363 ' 0. .
WJ [0.04245 | 0.0270 | 0.0944 | 0.0014 |
00827 | 0.8884 |0.04134 | 0.0263 | 0.0336 | 0.0809
0.0804 sﬁz W 0.0256 | 0.0328 | 0.0884
00708 | 0.6106 | 008831 | 0.0244 "0.0857 |
00748 | 0.6048 §0.03740 | 0.0238 = 0.0306 | 0.0644
s | 8% L 688 | 8438 6%
00898 | 0.56a4 [0.03401 | 0.0222 | 0.0287 | 0.0809 |
00883 | 05522 | 0.03415 | 0.0217 0.0281 | 0.0488
00868 = 0.5404 003342 0.0213 s.ml 0.0488
05184 |0.03206 | 0.0804 | 0.0265 |
AR AR
1/18 | 05053 [0.03130 0.019% 00288 | 0.0457
0.0818 L] 00082 | 0.0197 | 0.0256 | NOABD

sele
=
-3

:
G
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TABLE V
GEAR TOOTH PARTS

Pull-Length Teeth Fine-Pitch Gears
- 13000 + D. P. + 0.00%"
Whole Depth = £2000 + D, P. 4 0.002"

Asden
B w5 | F W%
b e e o — — - e
51 0.03080 0.0186 0.0255 0.0451 0.0802
b2 0.03021 0.0192 0.0251 0.0448 0.0886
53 0.02864 0.0188 0.0246 0.0436 0.0870
B4 0.02900 0.0185 0.0242 0.0427 0.0854
BE 0.02866 0.0182 0.0238 0.0420 0.0840
56 0.02806 0.0179 0.0234 0.0413 0.0826
B7 002758 00175 0.0231 0.0406 0.0812
b8 0.02708 0.0172 0.0227 0.0398 0.0798
69 0.02662 0.0168 0.0223 0.0393 0.07%6
60 0.02618 0.0167 0.0220 0.0387 00774
61 0.02676 0.0164 0.0217 0.0381 0.0762
62 0,02634 0.0161 0.0214 0.0975 0.0750
63 0.02493 0.0159 0.0210 0.0369 0.0738
64 0.02464 0.0166 0.0208 0.0364 0.0728
66 0.02417 0.0164 0.0205 0.0368 0.0716
66 0.02380 0.0162 0.0202 0.0453 0.0706
67 0.02344 0.0149 0.0199 0.0348 0.0606
(1] 0.02310 0.0147 00196 0.0844 0.0688
L] 0.02277 0.0146 0.0194 0.0339 0.0678
70 002244 0.0143 00181 0.0834 0.0668
72 0.02182 0.0139 0.0187 0.0326 0.0652
74 0.02123 0.0135 0.0182 0.0317 0.0834
% 0.02067 0.0132 0.0178 0.0809 0.0618
ki 0.02014 0.0128 0.0174 0.0302 0.0804
80 0.01964 0.01256 0.0170 0.0295 0.0680
B2 0.01916 0.0122 0.0166 0.0288 0.0676
84 0.01870 0.0119 0.0183 0.0282 0.0664
86 0.01827 0.0118 0.0180 0.0276 0.0652
88 0.01788 0.0114 0.0166 0.0270 0.0540
80 0.01745 0.0111 0.0153 0.0264 0.0528
” 0.01707 0.0109 0.0150 0.0250 0.0618
™ 0.01671 0.0106 0.0148 0.0254 0.0608
28 0.01638 0.0104 0.0145 0.0249 0.0498
8 0.01603 o0.0102 0.0142 0.0244 0.0488
100 0.01671 0.0100 0.0140 0.0240 0.0480
102 0.01640 0.0098 0.0138 0.0236 0.0472
104 0.01610 0.0096 0.0136 0.0232 0.0464

(Continued on page 48)




TABLE VI
GEAR TOOTH PARTS

Full-Length Teeth Fuse-Fitch Gears
Dedendum = | 9006 +« [} I* + 000"
Whasle Dot = 2 2000 « I} P« oinn

L DMENSIONS I INCHES = >
Curvulas Aosen Decer Whoie Tootn h?.u
ok N e e
106 0.01482 0.0094 | 00133 0.0228 0.0456
108 0.01454 0.0093 ‘ 0.0131 0.0224 0.0448

10 001428 | 00091 | 00129 | 00220 @ 0.0440
12 0.01402 | 00089 | 00127 | 00216 00432
S ) OOWe | GWEE 1SN 3
1 001378 | 00088 | 00125 | 00213 | 00428
118 | 0013564 0.0086 0.0123 n.0210 0.0420
18 | oosm | oooss | ooizz | oo0z06 | 00412
120 001309 | o003 | 00120 | 0.0203 | 00408
122 001268 | 00082 | 00118 | 0.0200 | 00400
124 001267 | 00081 | 00117 | 00197 | 0,004
126 001247 | 00079 | 00115 | 00195 | 0.0390
128 001227 | 00078 | 0014 | 00182 | 00884
190 | 001208 | 00077 | 00112 | 00189 | 0.0878
132 001190 | 00076 | 0.0111 | 00187 | 00374
134 0.01172 0.0076 0.0110 0.018¢ | 0.0868
136 001185 | 00074 @ 00108 | 00182 | 0.0364
128 001138 | 00072 | 0.0107 00179 0.0358
140 o011z 0.0071 0.0106 0.0177 0.0354
142 0.01106 | 00070 | 00108 | 00175 | 00850
44| 001001 | 0.0069 | 00103 | 00173 | 0.0846
146 001076 | 00068 | 00102 | 00171 | 0.0842
148 001061 | 00068 | 00100 | 00168 | 0.0338
150 0.01047 0.0087 0.0100 0.0187 00334
152 0.01033 | 0.0066 | 0.0089 0.0185 0.0330
154 0.01020 | 00065 | 00098 | 00163 | 0.0326
186 001007 | 00084 | 00087 | 00181 | 00322
1568 000954 0.0083 0.0086 0.0158 0.0318
160 000982 | 00063 | 00095 | 00168 | 00816
110 0.00924 | 00069 | 00091 | 00149 | 0.0208
180 0.00873 0.0056 0.0087 0.0142 0.0284
190 0.00827 | 00053 | 00083 | 0013 | 00272

200 0.00788 0. .
0050 0.0080 | 0.0230 J 0.0260

T 210 | 000748 | 00048 | 00077 | 00125 | 0.0250
220 000714 | 00045 | 00076 | 00120 | 0.0240
230 000663 | 00043 | 00072 | 00116 | 00282
240 0.00855 | 00042 | 00070 | ooz | 0.0224
250 000628 | 00040 | 00068 | 0.0108 | 00218

GEAR TOOTH PANRTS
A=\ Stamdand StubeTooth Gears
Nibdendum = & + D"
Dedendum = *1 = D0 "
Whade Depth = *15 = DI
W
L [ ] ! T m Ll ;E'

3 05236 0.2687 0.3333 ©.6000 1.2000
% 04488 0.2286 0ZR6T 05143 1.0286
4 03927 0.2000 0.2500 04500 0.9000
5
L]

03142 0.1600 0.2000 0.3600 0.7200
0.2618 0.1333 01867 0.3000 0.6000

7 | os2u | omas | oaees | emm | omar
5| oases 01000 | 04250 | 02250 | 04800
H] 01768 | 0088 | o0a111 02000 | 0.4000
10 0.15M1 0.0800 | 0.1000 0.1800 | 03600
n 01428 | 00727 0.080% 0.1634 0agT2
!

12 0.1309 0.0667 0.0833 0.1500 0.3000
13 0.1208 0.0615 00768 | 01384 0.2768
" 01122 0.0671 00714 | 0.1285 0.2670
15 01047 0.0533 0.0867 0.1200 0.2400
16 0.0982 | 0.0600 00828 | 01128 0.2750
1 00924 | 00471 | 00888 0.1089 o118
" 00873 | 0.0444 | 00856 0.1000 0.2000
19 00821 | 00421 0.0626 0.0847 01804
20 00785 | 0.0400 | 0.0500 0.0800 0.1800
”n 00714 | 0.0984 0.0484 0.0818 0.1636

0.0854 ‘ 00333 | 00417 00750 | 01800

0.0804 0.0308 0.0384 0.0682 0.1584

0.0861 0.0286 0.0387 00843 | 0.388

CE- 33 3

00624 | 00267 | 00933 0.0800 01200

| 00401 | 00280 | 00312 ooz | 0.1

u ooe2 | o0z 0.0204 00628 | 01058
38 0.0436 ‘ 0.0222 00278 0.0500 0.1000
£ 0.0413 0.0211 00263 | 0.0474 0.0048
w0 0.0093 00200 | 00250 | O.0450 0.0900

Reprinted with permission of Fellows Corporation, Enthart Muchinery
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1955 Fellows Corporation.
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